A study of vibration and vibration control of ship structures by Lin, Terry et al.
This is the author’s version of a work that was submitted/accepted for pub-
lication in the following source:
Lin, Tian Ran, Pan, Jie, O’Shea, Peter J., & Mechefske, Chris K. (2009)
A study of vibration and vibration control of ship structures. Marine Struc-
tures, 22(4), pp. 730-743.
This file was downloaded from: http://eprints.qut.edu.au/26416/
c© Copyright 2009 Elsevier
NOTICE: this is the author’s version of a work that was accepted for pub-
lication in Marine Structures. Changes resulting from the publishing pro-
cess, such as peer review, editing, corrections, structural formatting, and
other quality control mechanisms may not be reflected in this document.
Changes may have been made to this work since it was submitted for pub-
lication. A definitive version was subsequently published in Marine Struc-
tures, [VOL22, ISSUE4, (2009)] 10.1016/j.marstruc.2009.06.004
Notice: Changes introduced as a result of publishing processes such as
copy-editing and formatting may not be reflected in this document. For a
definitive version of this work, please refer to the published source:
http://dx.doi.org/10.1016/j.marstruc.2009.06.004
 1
 
 
 
 A study of vibration and vibration control of ship structures 1  
 
 
Tian Ran Lin a, *, Jie Pan b, Peter J. O’Shea a, Chris K. Mechefske c  
 
 
a School of Engineering Systems, Queensland University of Technology 
2 George Street, Brisbane Qld 4001 Australia 
 
b School of Mechanical Engineering, University of Western Australia 
35 Stirling Highway, Nedlands, Western Australia 
 
c Department of Mechanical and Material Engineering, Queens University 
Kingston, Ontario, Canada K7L 3N6 
 
 
 
 
 
 
 
1 Some of the results were presented in the Proceedings of the 5th International Conference on Thin-Walled 
Structures, Gold Coast, Australia, 2008. 
* Corresponding author Tel: +61 7 3138 1272; Fax: +61 7 3138 8381. 
  E-mail address: trlin@qut.edu.au (T. R. Lin). 
  2
Abstract 
This paper examines the vibration characteristics and vibration control of complex ship 
structures. It is shown that input mobilities of a ship structure at engine supports, due to out-of-
plane force or bending moment excitations, are governed by the flexural stiffness of the engine 
supports. The frequency averaged input mobilities of the ship structure, due to such excitations, 
can be represented by those of the corresponding infinite beam. The torsional moment input 
mobility at the engine support can be estimated from the torsional response of the engine bed 
section under direct excitation. It is found that the inclusion of ship hull and deck plates in the 
ship structure model has little effect on the frequency averaged response of the ship structure. 
This study also shows that vibration propagation in complex ship structures at low frequencies 
can be attenuated by imposing irregularities to the ring frame locations in ships. Vibration 
responses of ship structures due to machinery excitations at higher frequencies can be controlled 
by structural modifications of the local supporting structures such as engine beds in ships. 
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1. Introduction 
An unwanted side effect of building faster and lighter ships is the increasing noise and vibration 
in ships. In order to retain the full benefit of building faster ships without compromising the ride 
comfort and safety, effective noise and vibration control needs to be implemented to ship 
structures. Nonetheless, due to the complexity of ship structures and the coupling of different 
wave types in the structure, control of wave propagation in ship structures by active control 
methods is expensive and ineffective, while traditional passive vibration control methods such as 
adding damping materials is only effective at higher frequencies. Most severe damage to ship 
structures, however, is caused by large deformation and high dynamic stress concentration from 
low frequency vibration. The low frequency noise and vibrations also contribute most to 
discomfort onboard ships. Consequently, alternative methods are sought in this paper to control 
ship structural vibration in the low frequency range.  
 
Ship hull vibration can be generally classified into two categories, global and local vibrations. 
For global vibration, the whole hull girder of a ship is vibrating in response to the excitation at 
particular revolutions of the main engines, propellers and auxiliary machinery, or from water 
waves [1]. Local vibration occurs when only an isolated part of the ship structure is in resonance 
[1, 2]. Local resonances can be treated locally by modifying the resonating structural component 
or by adding vibration absorption and damping devices. Nevertheless, excessive deformation of 
the ship hull is more likely to come from global vibration, particularly at the first few 
fundamental modes of the ship structure.  
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Traditionally, the global vibration of a ship, such as natural frequencies and mode shapes of a 
complete ship hull structure, is analyzed by strip theory where natural frequencies of the entire 
ship are calculated from beam theory and the estimation of weight and moment distributions at 
each strip of the ship hull. A detailed description of such an approach is given by Todd [1]. 
Wave-induced ship hull vibration has also been investigated by Gunsteren [3] who calculated the 
two-node vertical vibration mode of two ship models using a modified strip theory. 
Accompanying the fast advance of computer technology and the increasing speed and capacity 
of modern computers, it is now possible to analyze the low frequency dynamic response of a 
complete ship structure in a three-dimensional model using finite element analysis (FEA). FEA 
is used increasingly in the analysis and design of complex ship structures [4]. For instance, Xia et 
al [5] employed FEA to predict the global response of a ship structure.  
 
Most recently, Lin and Pan [6, 7] utilized a closed form solution to study the characteristics of 
input mobilities [8] of finite ribbed plate structures to force and moment excitations. They 
showed that the point force input mobility of a finite rib stiffened plate is bounded by those of 
the corresponding un-ribbed plate and beam(s) of the ribbed plate. The input mobility is 
dominated mainly by the beam bending stiffness when the force excitation is applied to the beam, 
and its plate stiffness controlled when the beam is more than a quarter of plate bending 
wavelength away from the force location. The result has been verified experimentally by 
Nightingale and Bosmans [9]. The torsional moment input mobility of a ribbed plate (for ribs 
having relatively small torsional stiffness) is dominated by the plate bending stiffness and its 
frequency averaged value can be represented by that of the corresponding infinite plate. Lin [7, 
10] extended the study to further investigate the characteristics of wave propagation and 
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attenuation of finite periodic and irregular ribbed plates by employing a modal approach. He 
found that vibration of a ribbed plate structure can be confined by imposing irregularity to rib 
locations on the plate. The study of vibration characteristics of rib-stiffened plates provides a 
general understanding of wave propagation and its control mechanism in ribbed plate structures. 
However, when the structure becomes complex as in the case of a complete ship hull structure, 
the complexity of analysis increases due to the coupling of different wave types and multiple 
wave propagation paths in the structure.  
 
This paper aims to further disclose the fundamental features of ship structural vibration by 
making use of results obtained from analytical and experimental studies of ribbed plate vibration 
[6, 7, 9 – 11] in conjunction with the FEA method. It is hoped that the study can shed light on 
understanding the characteristics of vibration and vibration propagation in complex ship 
structures, and can subsequently leads to improved vibration control. To this end, input 
mobilities of a ship structure due to force and moment excitations at engine mount locations are 
studied. The inter-relationships between input mobilities of the ship structure and those of the 
corresponding simple structures (i.e. finite and infinite beams) are also discussed.  
 
Another objective of this study is to provide explicit strategies for the control of vibration and 
vibration propagation of complex ship structures. Two such strategies are proposed. One aims to 
control vibration energy transmission from vibrating machinery to ship structures. The other 
aims to control wave propagation in ship structures by utilizing wave confinement phenomenon 
found in disordered and irregular ribbed structures [10, 11].   
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2. A general description of a 30m crew vessel and the FEA model 
The general profile of a 30m fast speed crew vessel used in this study is shown in Fig. 1. The 
ship hull is equally divided by ring frames into thirty 1m long sections. The ship hull structure is 
made of aluminum and is partitioned by watertight bulkheads into several functional areas, such 
as accommodation room, utility area, engine room, fuel tank and rudder room. The main stiffness 
components of the ship hull include keel, engine beds, deck and bottom girders, pillars and ring 
frames. The structural arrangements of these stiffness components in the bottom plan of the ship 
are shown in Fig. 2. The accumulated mass of the ship hull structure alone is about 26 tones 
(excluding the mass of machinery and fit outs, which has another accumulated mass of 33 tones). 
The ship is powered by three caterpillar engines (Model 3412E) of 925hp output power each.  
 
The geometric configuration and the contour of the ship hull structure are well defined by ring 
frames, 1m apart and interconnected by the keel and other major stiffness components, such as 
deck girders, bottom girders and engine beds. Vertical pillars are used to provide vertical support 
(vertical stiffness) to the ship hull at Frames 5, 8, 14, 18 and 20 (the frame number starts from 
the first frame close to the bow). The ring frames are meshed by plate elements in the FEA 
model and are reinforced by rider bars (meshed by beam elements) along their inner perimeter. 
Other major stiffness components of the ship hull such as keel, pillars, deck girders, bottom 
girders and engine beds are all meshed by beam elements in the FEA model(s) except those 
specified elsewhere.  
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3. Vibration response of ship hull structures 
3.1 Two-node vertical vibration mode of the 30m ship  
 
The well-known two-node vertical vibration mode [1, 3, 12] of the 30m ship hull structure (note: 
the ship structure model includes the hull/beam/bulkhead structures but excluding the machinery 
and fit outs) is calculated by utilizing the normal mode analysis provided by the commercial 
FEA software – MSC/NASTRAN. The 3-dimensional mode shape distribution of the mode is 
shown in Fig. 3. The natural frequency of the two node vertical mode of the dry (in air) ship hull 
Figure 1 General profiles of the 30m crew vessel. 
Figure 2 The structural arrangement of the bottom plan of the crew vessel. 
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structure is predicted to be about 13Hz. The relatively high resonance frequency of the mode is 
attributed to the high stiffness of the stiffening components such as keel, engine beds, girders in 
combination with the light weight aluminum ribbed panels used in ship hull construction. 
Nevertheless, it is noted that the modal natural frequency would decrease substantially when the 
accumulated mass of the machinery and fit outs is taken into account in the calculation. The 
natural frequency of the mode would decrease further when the ship is submerged in water due 
to the “virtual mass” [1, 5] and damping effects of the surrounding water to the modal vibration 
of the ship.  
 
 
A detailed analysis of the global dynamic of ship structures by FEA is straightforward. However, 
such analysis is usually very time consuming, particularly the frequency response analysis. To 
overcome this limitation and to increase the frequency range of the analysis, only the engine 
room section of the 30m crew vessel is considered in the subsequent analysis. In addition, the 
full length of the keel is included in the FEA model so that energy propagation from the engine 
room section to other parts of the ship structure can be evaluated at the later stage.  
Figure 3 The two-node vertical vibration mode of the 30m crew vessel. 
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3.2 Vibration response of the engine room  
The engine room section of the ship structure is bound by two watertight bulkheads – Frames 16 
and 23. Two FEA models are considered for this section of the ship structure in the numerical 
simulation. One comprises only the major stiffness components of the engine room (see Fig. 
4(a)), the other includes both stiffness components and the hull and deck plates (Fig. 4(b)). The 
full length of the keel is also included in both FEA models. A uniform internal loss factor 
( 01.0 ) is assumed for all structural components in the simulation. Furthermore, no boundary 
constraints are imposed on the FEA models, while simply supported boundary conditions are 
assumed for simple finite structures (such as finite beams) in the analytical models.  
 
Because the wavelength of the structure borne sound in the low and medium frequency ranges is 
far greater than the physical dimensions of machine isolators and mounts, excitations from 
engines, generators, propellers and the auxiliary machinery on supporting structures of the ship 
can be idealized as point sources. Excitations to ship structures through machine mounts can be 
in the form of out-of-plane force, in-plane force, torsional and bending moment excitations or 
their combinations. For instance, it has been demonstrated [2, 13, 14] that engine excitations on 
ship hull structures are in two forms: (a) vibrations transmitted to the foundation by the engine as 
a whole through engine isolators (a point force excitation) and (b) torsional oscillations in the 
crankshaft and in the shafting of the driven machinery (a moment excitation). Characteristics of 
input mobilities of the ship structure due to each individual excitation are examined in the study. 
The input mobility functions of finite and infinite beams used in the study are listed in Table I of 
Appendix. Averaged stiffness values of the corresponding engine bed section from the FEA 
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model are used in the input mobility calculation of the beams due to non-uniformity of the 
engine beds. 
 
 
 
(a) Input mobility of the engine room due to an out-of plane force excitation 
In this simulation, a normal (out-of-plane) point force is applied to one of the mounting positions 
of the engine bed as shown in Fig. 4(a). Input mobilities of the engine support of the two FEA 
models due to the point force excitation are calculated and shown in Fig. 5 together with those of 
the corresponding beams of finite and infinite extents for comparison. The finite beam used in 
the calculation is assumed to be simply supported on both ends. The length of the beam ( xL ) is 
based on the section of the engine bed where the cross sectional area is relatively uniform (3m 
long, spans between Frames 16 and 19 to accommodate the entire span of the main engine). The 
mean cross sectional area of this engine bed section is used for the input mobility calculation of 
the finite and infinite beams.   
Figure 4 Finite element models of half engine room; (a) stiffness components only; 
(b) hull and deck plates included. 
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It is shown that the frequency averaged input mobility of the engine support for both FEA 
models can be approximated by the corresponding infinite beam. This finding agrees well with 
the observation of Pinnington and White [15] who studied the power transmission from a 
vibrating machinery to the supporting beam. For this excitation, the in-plane stiffness of the ring 
frames is in the same order of magnitude as the flexural stiffness of the engine bed so that the 
entire engine bed (spans between Frame 16 to 23) vibrates as a non-uniform beam. The ring 
frames behave as regular stiffness and mass attachments to the flexural vibration of the engine 
bed, and provide additional damping to the long waves in the engine bed via coupling to the 
short flexural waves in the plate elements of the ring frames. Thus, the frequency averaged input 
mobility of the engine bed approaches that of the corresponding infinite beam. It is noted that the 
frequency averaged input mobility of the frame only model (the model shown in Fig. 4(a)) is 
Figure 5 Out-of-plane force input mobilities of the engine bed and the corresponding 
finite and infinite beams. 
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almost unaffected by the inclusion of hull and deck plates in the model. This indicates that the 
stiffness term of the input mobility of the ship structure is dominated by the flexural stiffness of 
the engine bed. The finding agrees with the discussion given by Lin and Pan [6, 7] in the 
analytical study of vibration response of finite ribbed plates, and with the work of Grice and 
Pinnington [16] who showed that short waves in the plate mainly provide damping to the long 
wave propagation in the beam. Therefore, it can be concluded that only flexible stiffness of the 
supporting structures needs to be considered in estimating the out-of-plane force input mobility 
and vibration energy flow from a vibrating machine to a ship structure in practical applications.   
(b) Input mobility of the engine room due to an in-plane force excitation 
The input mobility of the engine room section due to an in-plane force excitation applied to one 
of the engine mount locations is shown in Fig. 6 together with those of the corresponding beams 
of finite and infinite extents. The in-plane force input mobility of the infinite beam used in this 
calculation is only half of that given by Cremer et al [17] who considered the in-plane force 
acting on one end of a semi-infinite beam.  
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It is shown that the in-plane force input mobility of the engine support is bounded by the input 
mobility of the corresponding infinite beam and the non-resonant response of a corresponding 
3m long beam except for a few large peak responses at low frequencies. These large peak 
responses are attributed to resonant responses of the rigid body motions of the engine bed 
coupled to the flexural stiffness of the ring frames (which have much smaller stiffness value than 
the in-plane stiffness of the engine bed). Each peak response corresponds to a resonant response 
of an equivalent spring-mass system formed by the rigid body mass of the engine bed and the 
flexural stiffness of one attached ring frame. These peak responses are largely attenuated when 
the hull and deck plates are included in the FEA model, due to the increased damping effect of 
plate flexural vibration to the resonant responses of spring-mass systems. The overall input 
mobility also shifts up and is close to the input mobility of the corresponding infinite beam when 
Figure 6 In-plane force input mobilities of the engine bed and the corresponding finite 
and infinite beams. 
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the hull and deck plates are attached to the model attributing to the same damping effect of short 
flexural waves in the plates (also see discussions in the previous section).  
(c) Input mobility of the engine room to a torsional moment excitation 
Fig. 7 shows the input mobility of the engine room section due to a torsional moment excitation 
applied to the engine mount location. The input mobilities of the corresponding finite and infinite 
beams (see Table I) are also shown in the figure for comparison. Instead of approaching that of 
the infinite beam, it is found that the frequency averaged input mobility of the ship structure due 
to the torsional moment excitation can be approximated by the non-resonant response of a 
corresponding 1m long beam. This is attributed to the large in-plane stiffness of the ring frames 
on each ends of the engine bed section under the moment excitation, as compared to the much 
smaller torsional stiffness of the engine bed. Therefore, the two frames (Frame 17 and 18) 
bounding the engine bed section behave as end elastic boundaries to the torsional vibration of the 
section.  
(d) Input mobility of the engine room due to a bending moment excitation 
It has been illustrated by Lin and Pan [6, 7] that similar to characteristics of point force input 
mobility, the stiffness term of the input mobility of a rib or a ribbed stiffened plate due to a 
bending moment excitation at the rib is dominated by the flexural stiffness of the rib. This is also 
the case for ship structures as shown in Fig. 8 where the frequency averaged input mobility of the 
ship structure excited by a bending moment applied to the engine bed can be approximated by 
that of the corresponding infinite beam in the entire frequency range of interest. 
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Figure 7 Torsional moment input mobilities of the engine bed and the corresponding 
finite and infinite beams. 
Figure 8 Bending moment input mobilities of the engine bed and the corresponding 
infinite beam. 
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4. Vibration control of ship structures 
Passive vibration control in ship structures can be generally classified into three categories 
according to locations where the control technique is applied: (a) vibration control at source 
locations; (b) control of wave propagation in ship structures; and (c) vibration control at receiver 
locations. Vibration control at receiver locations can be achieved by applying the traditional 
passive control methods, such as adding damping materials to the structure or using vibration 
isolators to stop the vibration from reaching the equipment at receiver locations. Vibration 
control at source locations (i.e. the mounting locations of engines, generators) is usually achieved 
by using vibration isolators (i.e. machine mounts). It can also be controlled by modifications of 
the mounting structures locally since vibration energy transmission from a known vibrating 
source to a structure is controlled by the mobility at the source location [6, 7]. Vibration in 
complex ship structures can also be controlled along the wave propagation paths. The last two 
control strategies are examined in this study. 
4.1 Vibration control by structure modifications of the engine bed  
In this simulation, the engine bed section bounded by Frames 17 and 18 is re-meshed by plate 
elements in the frame-only FEA model to enable structural modifications of this section of the 
engine support. It has been shown in Section 3 that the input mobility at engine supports due to 
mechanical excitations is governed by the stiffness of local supporting structures. Therefore, 
energy flow from a vibrating machine to the ship structure can be controlled by modifying the 
stiffness of the local supporting structures (i.e. engine beds) at source locations. In this regard, 
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five structural modifications are proposed here, and are shown in Fig. 9. Fig. 9(a) also shows the 
dimensions of the engine bed section except the girder depth, which is not uniform in the entire 
span of the engine bed. The depth of the engine bed section under modification (bounded by 
Frame 17 and Frame 18) varies from about 650mm to 850mm. In the first modification, the 
girder thickness of the engine bed section under direct excitation is enlarged from 16mm to 
24mm (Fig. 9(b)). In the second modification, the flange thickness of the engine bed is increased 
from 20mm to 30mm (Fig. 9(c)). In the third modification, two 10mm thick aluminum plates are 
attached onto the edges of the flange of the engine bed to form a box shape structure (Fig. 9(d)). 
In the fourth modification, the two plates are attached onto the junction between the flange and 
the girder of the engine bed to form a triangular shaped structure (Fig. 9(e)). The two plates are 
attached onto the engine bed to form an inverse triangular shaped structure in the last 
modification (Fig. 9(f)).   
 
 
 
Figure 9 Plans of structural modifications of the engine bed section under direct 
excitations; (a) Before modification; (b) Plan 1; (c) Plan 2; (d) Plan 3; 
(e) Plan 4; (f) Plan 5. 
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The point force and torsional moment input mobilities of the engine support, before and after the 
modifications, are shown in Figs. 10 and 11 respectively. All modifications are found to be 
ineffective at frequencies below the one-third octave band centered at 63Hz due to the long 
wavelength of the engine bed in the low frequency range when compared to the length of the 
modified engine bed section (1m long). As the frequency increases, the modifications are more 
effective. It is found that Modification 3 has effectively increased both bending and torsional 
stiffness of the engine bed, and is the most effective modification within the five plans. 
Modifications 2 and 5 also have good control performance in the torsional moment excitation 
case, and have moderate effect on the point force input mobility of the ship structure. The overall 
control performance of other two modifications (1 and 3) to input mobilities of the engine 
support is less effective, particularly in the moment excitation case. However, the performance of 
these modifications could be improved if the modifications are extended to the entire span of the 
engine bed [7].  
 
Figure 10 Point force input mobilities of the engine bed before and after modifications. 
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The results presented herein illustrate that power injection by vibrating machinery to a ship 
structure can be reduced by proper designs or by structural modifications of the local supporting 
structure in ships. This finding is useful for naval architects and vibro-acoustic engineers in 
combating the long existing noise and vibration problems onboard ships. 
 
 
 
4.2 Control of wave propagation in ship structures 
It has been shown in Figs. 10 – 11 that structural modifications at source locations to vibration 
control of ship structures are ineffective at very low frequencies. It is common knowledge that 
traditional passive control methods such as adding damping materials are also ineffective in the 
low frequency range. Control engineers today are increasingly using active control methods for 
Figure 11 Torsional moment input mobilities of the engine bed before and after modifications. 
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vibration control at low frequencies. Although active control can be employed for the attenuation 
of vibration transmission from machinery to their structure foundation, it has limit applications 
in the control of wave propagation in complex ship structures due to multiple wave propagation 
paths and the coupling of different wave types in the structures. An alternative control approach, 
based on wave confinement found in irregular ribbed structures [7, 10, 11] is presented in this 
study to control vibration propagation in ship structures at low frequencies. 
 
It has been demonstrated in Section 3 that wave propagation in ship structures due to machinery 
excitations of the supporting structures is dominated by the long wave propagation in the major 
stiffened beams (i.e. the keel, engine beds, girders). As a result, vibration propagation in a ship 
structure away from the source section (i.e. the engine room) could be controlled if wave 
propagation in the stiffened beams can be attenuated. Furthermore, because major stiffness 
components of a ship structure are supported regularly by ring frames at equal intervals, wave 
propagation in these stiffness components should demonstrate periodic characteristics similar to 
those of periodic supported structures. Wave confinement similar to that found in irregular 
ribbed plates [7, 10, 11] could then be achieved in ship structures by imposing irregularity to the 
ring frame locations. 
 
The frame-only model of the engine room (see Fig. 4(a)) is employed in this simulation together 
with the additional ring frames - Frames 9 to 16. In the first simulation, Frames 9 to 16 are 1m 
apart from each other (the periodic case). In the second simulation, Frame 15, 13 and 11 are 
moved to the left by 0.1m, 0.2m and 0.3m respectively from the corresponding periodic locations 
(the disordered/irregular case). The schematic illustrations of these two FEA models are shown 
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in Fig. 12. The seven keel sections divided by Frames 9 to 16 are assigned the serial numbers (1 
to 7) as shown in Fig. 12(a).  
 
 
 
 
The periodic characteristics and vibration confinement of the ship structure are studied here by 
the kinetic energy distributions in the keel sections shown in Fig. 12. The kinetic energy 
distribution of each keel section in one of the three translational directions (one in-plane and two 
flexural vibrations) in the FEA model is calculated by: 

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1  ,       (1) 
where eiL  and eiA  are the length and cross sectional area of the 
thi  element. N  is the number of 
elements in each keel section. ziv  is the velocity response in the z  direction of the 
thi  node in 
Figure 12 Schematic illustration of the ship hull section in the FEA simulation; 
(a) regularly supported keel; (b) irregularly supported keel. 
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each keel section. The vibration energy of the keel section with respect to the other two 
coordinate directions can be calculated by replacing the subscript z  in Eq. (1) by x  or y .  
  
The kinetic energy distributions of the odd numbered keel sections due to flexural vibration in 
the force direction ( z  direction) in the periodic case are shown in Fig. 13.  
 
 
 
It is shown that the vibration energy is not attenuated at frequencies below 100Hz as wave 
propagates away from the engine room (the source section) attributing to the long flexural 
wavelength of the keel in this frequency range. The result also confirms the ineffectiveness of a 
damping treatment (a moderated damping value of 0.01 is assumed for all structure components 
in the simulation) to the ship vibration control at low frequencies. The typical “stop/pass band” 
of a periodic structure [7, 10] can be observed at frequencies above 100Hz. The attenuation at 
Figure 13 Kinetic energy distribution of the odd number keel sections due to flexural 
vibration in the direction of force excitation. 
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frequencies above 100Hz is attributed to the combined effect of periodic attenuation and 
structural damping. In addition, the non-uniform configuration of the stiffness components (i.e. 
non-uniform cross section of the keel and non-uniform shapes of the frames) also contributes to 
the energy attenuation in the response. Similar results are found for waves propagating in the 
other two translational directions.  
 
 
 
In the second simulation, the keel is no longer supported regularly by the ring frames (see Fig. 
12(b)). The effect of the irregularity is studied by comparing the kinetic energy of section 7 of 
the keel to that of the same section in the periodic case, which is shown in Fig. 14. It is found 
that most peak responses at very low frequencies are attenuated by the irregularity, even though 
only a number of ring frames are moved from their respective periodic locations. The underlying 
mechanism of the vibration confinement is the same as those discussed by Lin [7, 10] on 
irregular ribbed structures, which is attributed to the large in-plane stiffness of the ring frames 
Figure 14 Kinetic energy distribution of Section 7 in periodic and irregular supported cases. 
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when the frames are moved to or close to the anti-nodal locations of the modes. The vibration 
confinement could be extended to modes at higher frequencies if more ring frames are shifted 
from their respective periodic locations.  
 
5. Concluding remarks 
The general features and the control mechanism of input mobilities of the engine room section of 
a 30m long crew vessel to point force, moment excitations applied to one of the engine mount 
locations are investigated in this study. It is shown that the input mobilities of the ship structure 
due to point force or moment excitations on the engine mounts are mainly controlled by the 
stiffness of the engine bed. The inclusion of the ship hull and deck plates in the ship structure 
model only increases the damping to the long wave propagation in the major stiffened beams 
(i.e. engine beds, keel), and has little influence on the frequency averaged vibration response of 
the ship structure. Therefore, these plate panels can be neglected in the analysis of ship vibration 
response under mechanical excitations. Energy flow from the vibrating machinery to the ship 
structure and the kinetic energy propagation in the ship can be estimated from the knowledge of 
simple structural components such as engine beds and the keel.  
 
Two vibration control approaches are presented in this paper to control vibration in ship 
structures at low frequencies. In the first approach, five structural modifications are introduced to 
control the vibration energy transmission from a mechanical excitation source to the ship 
structure. It is found that energy flow from a mechanical source to the ship structure can be 
controlled by modifying only a section of the local supporting structures. In the second approach, 
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vibration confinement in complex ship structures is examined by imposing irregularities on the 
ring frame locations in ships. It is shown that the modal responses for most modes at low 
frequencies can be attenuated by moving a small number of ring frames away from their 
respective periodic locations.  
 
The result presented in this work is meaningful for the vibration control of ship structures at low 
frequencies where active and traditional passive control methods have had little success. The 
work has significant implication for the design of a quieter and faster ship. 
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Appendix 
Table I. Input mobilities of finite and infinite beams 
 Input mobility 
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Excitation sources Finite simply supported beams Infinite beams 
Flexural Point force   n bnn nF kkB
xjxY
)(
)()( 44
0
2
0 
  L
b
F
kjY
4
)1(inf 
 
Longitudinal force   n nLn nL kk
xjxY
)(
)()( 22
0
2
0 
  
E
YL 2
1inf   
Torsional moment   n tnn nT kkT
xjxY
)(
)()( 22
0
2
0
  
p
T IT
Y 2
1inf   
Bending moment   n bnn nM kkB
xjxY
)(
)()( 44
0
2
0 
  
b
M Bk
jY
4
)1(inf 
 
 
B ,   and T  are the bending, longitudinal and torsional stiffness of the beam.  
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2/1
2
)(
T
I
k pt
 is the beam torsional wavenumber.  
)sin()( 00 xkx nn  .  
x
n L
nk   is the modal wavenumber of the thn  beam vibration mode.  
2
x
n
L  is the modal constant. 
E  is the Young’s modulus. 
  and L  are the density and  the mass per unit length of the beam.  
pI  is the polar moment of inertia and   is the angular frequency.  
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